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Abstract: Heat sources, such as power electronics for offshore power, could be cooled
passively—mainly by conduction and natural convection. The obvious advantage of this strategy
is its high reliability. However, it must be implemented in an efficient manner (i.e., the area needs
to be kept low to limit the construction costs). In this study, the placement of multiple heat sources
mounted on a vertical plate was studied experimentally for optimization purposes. We chose a regular
distribution, as this is likely to be the preferred choice in the construction process. We found that
optimal spacing can be determined for a targeted source density by tuning the vertical and horizontal
spacing between the heat sources. The optimal aspect ratio was estimated to be around two.
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1. Introduction

The energy from the oceans can be extracted by offshore wind power, wave power, tidal power,
tidal marine currents, temperature gradients, and salinity gradients. For wave power, the potential is
estimated to be 8000 TWh/year–80,000 TWh/year [1]. There exist a significant number of different
wave energy conversion technologies [2]. Offshore technologies require a power conversion system
before transmission to shore, in order to ensure a high power quality to the grid [3]. The conversion
system usually consists of passive and active converters in different power electronics topologies; see,
for example [4,5]. Offshore operation puts high demands on the reliability and lifetime of the power
components, and the maintenance work is expensive compared to onshore installations. A key
issue in ensuring a long lifetime of the power components is a strategy for proper cooling of the
components [6–8].

Mechanical cooling systems—such as fans or pumps—have a limited lifetime. Hence, for
an offshore system, a passive cooling strategy is preferable. Such a strategy is indeed silent,
reliable, and cheap. For instance, the optimal spacing between insulated-gate bipolar transistors
(IGBTs) installed in a submerged substation for wave power was studied in [9], and showed a
necessary trade-off between construction costs and effective cooling. Passive cooling can make
use of conventional fins, but also heat pipes [10] or nanomaterials [11] to enhance the cooling capacity.
It is used, amongst others, for electronics [12], photovoltaics [13], telecommunications [14], and LED
modules [15].

To investigate the feasibility of passive cooling for marine energy systems, an array of heat
sources is considered in a simple configuration, where conjugated conduction and natural convection
are the dominant heat transfer modes. Natural convection—being a key phenomenon in passive
cooling—has received increasing attention for engineering applications in the last decades [16]. Interest
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for conjugated natural convection grew with the development of electronics. Miniaturization in
microelectronics and the consequent increase in heat flux density made it necessary to optimize cooling.
In 1995, an array of identical discrete heat sources was studied numerically and experimentally
with conjugated conduction and natural convection [17]. Two-dimensional heat source arrays have
been studied numerically in [18] and experimentally in [19,20] in order to maximize the cooling
of different heat sources, often by investigating the influence of the placement of the heat sources.
Another approach is to optimize the heat distribution at sources with fixed locations [21]. Habib, Sultan,
and Rajkumar [22–24] presented an experimental study of heated bands and the one-dimensional
optimization of the spacing. In fact, the majority of the literature on heating by discrete sources is
restricted to the one-dimensional approach. When dealing with natural convection, one must be aware
of the importance of radiative effects [25]. Most of the works described in the following have been
declined for mixed or forced convection, as for instance in [26]. A rich body of literature is available
when widening the problem to mixed and forced convection, as well as to different geometries, such
as enclosures, open cavities, channels, fins, or horizontal configurations. Problems with discrete
heating and natural convection have been the subject of several reviews [27,28].

As suggested in [29], a regular distribution is not optimal, but it can still be preferred in an
industrial context, in order to simplify the production process. The present study tries to answer
the optimization problem of placing identical heat sources on a vertical plate with a high density,
whilst keeping the passive cooling as efficient as possible. The optimization strategy has been fully
experimental, rather than indirect through validation of a model. This was achieved by designing a
setup which allowed for the testing of a large number of distributions. We looked for the vertical and
horizontal spacing of a regular grid. This study addresses a need in wave power, and the setup matches
the typical conditions encountered by offshore power devices (no/low radiative effects, dimensions,
simplicity of the design, type of heaters, open/distant boundaries). However, the results have a general
validity, and could be valuable in other applications.

2. Materials and Methods

2.1. Experimental Setup

Figure 1 represents a cut plane of the experimental setup. Nine rectangular heat sources were
flush-mounted on one side of a 2 mm-thick vertical metallic plate, whose dimensions are 200 cm in
height and 150 cm in width (see also Figure 2 and Table 1). The other side of the plate is free, and
cooled by natural convection. The horizontal and vertical spacing between the heat sources—∆X and
∆Y, respectively—can be varied easily. Only regular distributions were considered, with three rows
and three columns of heat sources. The metallic plate was made of type 304 stainless steel with a low
emissivity of around 0.1.

Table 1. Dimensions of the experimental setup.

Parameter Value

Metal plate 200 × 150 cm
PCB heating plates (thickness) 5 × 10 cm (1.6 mm)

Thermal sheet thickness 0.2 mm
Polyurethane foam (thickness) 6 × 11 cm (40 mm)

PVC plate (thickness) 6 × 11 cm (5 mm)
Extruded polystyrene thickness 30–40 mm
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Figure 1: Studied Configuration 

First of all, the heating system was pressed against the metallic heat sink with a nano-

screwdriver to ensure a uniform thermal contact for all heat sources. The dissipated 

power was controlled with the DC–power supply unit.  The plate was heated until it 

reached a constant temperature. Due to the thermal expansion, we retightened the 

screws when the temperature was in a permanent regime. This procedure was 

repeated over 50 times in order to study the influence of vertical and horizontal 

spacing between the sources. 
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Figure 1. Schematic view of the experimental setup.
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Figure 2. Experimental setup with isolating pieces and structure to change the spacing on the backside
of the vertical plate.

The nine heat sources consisted of a 1.6 mm-thick printed copper board (PCB) of 5 cm by
10 cm (typical dimensions for power electronics modules used in marine energy (see, for example
2MBI200U4H-120 IGBT module) with an electrical resistance of around 0.5 Ω. The power at each heat
source was initially balanced, and was controlled later by one unique DC-supply unit. The back side of
the plate on which the heat sources were mounted was covered by a modular set of pieces of thermal
insulating materials, in order to be able to consider this side as adiabatic. This insulating material,
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which was in direct contact with the heat sources, was a piece of 40 mm thick polyurethane foam, 6 cm
by 11 cm, with a thermal conductivity of 0.028 W/mK, as shown in Figures 1–3. This material was
chosen to withstand the high temperature at the heat source. The rest of the insulating parts were made
of extruded polystyrene foam with better mechanical properties. This made it easier to manipulate
when changing the spacing (thermal conductivity of 0.031 W/mK). A poly(vinyl chloride) (PVC) plate
was added on the back of the polyurethane foam in order to apply a uniform mechanical pressure.
Pressure was applied with two screws with approximately 0.4 Nm on each.

PCB Thermal padPolyurethane foam

PVC plate

Pressing screws
Extruded
polystyrene

Metallic
plate

Figure 3. One of the heat sources mounted on the back of the metallic plate.

Between the heat source and the metallic plate, electrically-insulating 0.2 mm-thick thermal
pads were used, to avoid electrical short circuits and to enhance the thermal contact. The thermal
conductivity of the interface was 7 W/mK.

2.2. Measurements and Procedure

At the centre of each heat source, one thermocouple of type T was installed to measure the
temperature. All of the thermocouples were connected to an Agilent 34970 data acquisition unit with
two 34901A cards, giving an uncertainty of ±1 K with an internal compensation using a PT100
sensor. The dissipated power is controlled by the current and the voltage, which were both measured
(uncertainty of ±0.02% and ±0.006%, respectively). The total dissipated power over the nine heat
sources was around 75 W (i.e., averaged heat flux of 1.7 kW/m2).

The radiative heat flux can therefore be estimated roughly with εσ(∆T4) < 37 W/m2, which is
much lower than the total heat flux (see below). Heat losses through the isolated surface of the plate
were estimated by measuring the temperature drop over the polyurethane foam, which remained
below 4 K, giving a losses flux of 4λ/e < 2.7 W/m2.

All the tests were performed in a large isolated cell which was inside an air-conditioned room
with a constant temperature. The cell was large enough to consider the boundary conditions of the
convective phenomenon to be open.
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First, the heating system was pressed against the metallic heat sink with a nano-screwdriver to
ensure a uniform thermal contact for all the heat sources. The dissipated power was controlled with the
DC–power supply unit. The plate was heated until it reached a constant temperature (<1 K/30 min).
Due to the thermal expansion, the screws were retightened when the temperature was in a permanent
regime. Only steady state was considered in the present study. This procedure was repeated more than
60 times in order to study the influence of vertical and horizontal spacing between the heat sources
(see Table 2). The uncertainty on the position was ±1 mm.

Table 2. List of distributions tested.

∆X 3, 5, 7, 9, 13, 17, 21, 31
∆Y 8, 10, 12, 16, 20, 28, 38, 48

As is common for the characterization of natural convection problems, a Rayleigh number
is defined in Equation (1) for the studied configuration. The characteristic length corresponds to the
distance between the lower and the upper heat sources. During the tests, Ra ranged from 1 × 108

to 5 × 109.

Ra =
g · β · ∆T · (2∆Y + 3H)3

ν · α (1)

2.3. Optimal Distributions

The heat transfer modes in the studied problem were dominated by the conduction in the metal
plate and the natural convection at the metal–air interface. When sufficiently close to one another,
the heat sources heat each other up, and are therefore thermally coupled. The conduction is isotropic
(i.e., identical in the horizontal and vertical directions), but the aspect ratio of the heat sources enhances
the horizontal thermal coupling. As it is driven by buoyant forces, the convection is anisotropic. Hence,
the convective coupling is much stronger in the vertical direction. It is therefore expected that a larger
vertical spacing is necessary to obtain an efficient cooling. This study attempts to quantify that effect.

With the measured temperature and the electrical current and voltage, a thermal resistance was
defined as shown in Equation (2). Thermal resistance is the quantity of interest in this study, since it
indicates the ability of the system to evacuate the dissipated heat. The uncertainty was estimated as
shown in Equation (3).

Rth =
∆T

U · I (2)

∆Rth
Rth

=

√(
∂Rth
∂∆T

1
Rth

)2
+

(
∂Rth
∂UI

∆UI
Rth

)2
= 1.6% to 2.5% (3)

The heat source density is defined in Equation (4). This quantity must be maximized to limit the
costs of construction. A density of 1 corresponds to a uniformly-heated plate. When the density tends
towards zero, it corresponds to the case of isolated heat sources. The uncertainty was estimated as
shown in Equation (5).

N =
L · H

(∆X + L) · (∆Y + H)
(4)

∆N
N

=

√(
∂N

∂∆X
0.001

N

)2
+

(
∂N

∂∆Y
0.001

N

)2
= 0.3% to 1.1% (5)
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For efficient cooling, the thermal resistances should be kept as low as possible. In order to
optimize the distribution, the heat source density, N, was maximized, and the thermal resistance, Rth,
was minimized. There are two possible ways to define these optima, ∆̃X

∗
and ∆̃Y

∗
; see Equation (6)

(Method 1) and Equation (7) (Method 2).

Rth

(
∆̃X
∗
N , ∆̃Y

∗
N

)
= min|N=constant [Rth (∆X∗, ∆Y∗)] (6)

N
(

∆̃X
∗
Rth

, ∆̃Y
∗
Rth

)
= max|Rth=constant [N (∆X∗, ∆Y∗)] (7)

The results for the central heat source are the most generalizable, and were therefore chosen.
This heat source was surrounded by neighbours in all directions in a distribution of nine heat sources.
The thermal resistance for this heat source is therefore the best representative of what can be expected
for an even larger number of heat sources.

In Method 1, the points on the isolines were obtained by linear interpolation between the two
closest measuring points. The isolines for the thermal resistance were fitted numerically according to
Equation (8). As such, the parameter c represents the vertical spacing for one single column of heat
sources, given a specified thermal resistance. In the same way, b represents the horizontal spacing for a
single row of heat sources.

(∆Y∗ + 1) = a · ((∆X∗ + 1)− b)−1 + c (8)

Finally, the square root of the derivatives of the density on each isoline was easily found, and gave
the optimal positions, presented in Equation (9). Method 2 is similar along an isoline for the density.

∆̃X
∗
=

√
a · b

c
+ d− 1 ; ∆̃Y

∗
=

√
a · c

b
+ c− 1 (9)

3. Results

3.1. Measurements

The temperature was measured at the centre of each heat source (see Figure 4). Obviously, the
temperature increased when the spacing was reduced. For wide spacing, the temperature tended
to stabilize. The two higher rows were warmer due to the direction of convective flow, which is
oriented upward.
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Figure 4. Example of the measured excess temperature averaged on each row of heat sources (a) as a
function of the horizontal spacing for a fixed vertical one; and (b) as a function of the vertical spacing
for a fixed horizontal one.
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The measurements were used to calculate the thermal resistance, which is presented in Figure 5.
The thermal resistance logically increased with the heat source density. For a density above 25%,
the thermal resistance doubled. There is no point in continuing the study over this value, as it is
unlikely that such a configuration would be chosen in a real case. The rest of the study was therefore
restricted to intermediate densities. In this region, the thermal resistance was shown to be proportional
to the square root of the heat source density. The linear regression parameters indicated a thermal
resistance of approximately 4.7 K/W for an isolated heat source (i.e., zero density, or infinite spacing).

5.5 6.0 6.5 7.0 7.5 8.0 8.5 9.0 9.5 10.0
7.83 * 

√
N  + 4.37

5.5

6.0

6.5

7.0

7.5

8.0

8.5

9.0
R
th

 [K
/W

]

Thermal resistance
Linear regression (r2 =0.978)

Figure 5. Parity graph for the thermal resistance of the central heat source as a function of the heat
source density.

With over 60 distributions tested, the thermal resistance was mapped as a function of the
horizontal and vertical spacing (see Figure 6). This Figure shows a comparison between the heat source
density (representing the cost) and the thermal resistance for the central heat source.
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Figure 6. Isolines for the thermal resistance for the central heat source (colored lines) compared to the
heat source density (grey lines) as functions of horizontal and vertical spacings.
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3.2. Optima

As explained earlier, the optimal positions were calculated based on the measurements for the
thermal resistance. Figure 7 shows an example of how the isolines were fitted to give this optimal
spacing. The two methods mentioned in the previous section are presented.

1.4 1.2 1.0 0.8 0.6 0.4 0.2 0.0 0.2 0.4
log
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∆X ∗

)
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N
 [%

]

Method 1 (Rth=7.05)

0.7 0.6 0.5 0.4 0.3 0.2 0.1 0.0 0.1
log
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7.0

7.1

7.2

7.3

7.4

R
th

 [K
/W

]

Method 2 (N=12,5%)

(a) (b)

Figure 7. (a) Heat source density along an isoline for a constant thermal resistance; and (b) the thermal
resistance along the corresponding isoline for the density. Optima are indicated by the red stars.

The optimal thermal resistance is dependent on the desired heat source density, and is presented
in Figure 8. It increases almost linearly. The changes in the slope for the optimal density—observed
at a density of around 15%—are attributed to measurement artefacts, and remain within the
confidence interval. The optimal line shown in Figure 8 represents the Pareto Frontier for the
multi-objective problem.

5 10 15 20 25
N [%]

6.0

6.5

7.0

7.5

8.0

R̃
th

 [K
/W

]

suboptimal zone

non-physical zone

Calculated optimum
Measured

Figure 8. Measured thermal resistance and estimated thermal resistance at optimal positions.

The optimal horizontal and vertical spacing are shown in Figure 9. Both methods gave similar
results, although Method 2 seems to be more robust. As expected, both the vertical and the horizontal
spacings should be reduced when increasing the objective for the heat source density. The variation
in the vertical direction is more than twice as fast as in the horizontal direction. It appears that the
vertical spacing is converging towards 1.8 for high density. In the same way, the optimal horizontal
spacing is decreasing towards zero.
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Figure 9. Optimal positions as a function of the objective heat source density. The optimal spacing is
presented in the (a) horizontal direction and the (b) vertical direction.

It is observed that at low density, the optimal spacing features surprisingly diverging trends.
It should be noticed that at low density, the heat sources can almost be considered as thermally
independent, except for extremely low or high aspect ratios. Hence, it does not make much sense to
define optima for low density, as a large range of positions are nearly optimal.

When defined as the centre-to-centre aspect ratio, the optimal ratio (see Figure 10) is almost
constant and close to a mean value of 2. It increases slightly with an increasing density. In other
words, the vertical spacing always needs to be larger than the horizontal spacing, due to the convective
thermal coupling in the vertical direction, especially for high density.
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+
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/(
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+
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]

y = 0.02 * x + 1.67 
y = 0.01 * x + 1.82 

Averaged optimal ratio = 2.01044802654

Method 1
Method 2

Figure 10. Optimal centre-to-centre aspect ratio as a function of the objective heat source density.

4. Discussion

Results for low and high density (i.e., below 5% and above 25%) must be approached with caution.
They correspond to the corner of the plot in Figure 6, and the corresponding isolines are based on a
limited number of measurement points. Adding some measurement points for high density could
improve the results. The use of a Design of Experiment (DOE) method might be valuable to achieve
this. However, as mentioned in Section 3.1, the thermal resistance doubled for a heat source density
above 25%, compared to a single heat source case. Therefore, this range of density is probably not
relevant for real cases. Likewise, low density regions correspond to a single heat source, and any
optimization is meaningless.

Different shapes of heat sources could yield different results. This could be an interesting topic
for further investigation. Different types of distribution could also be interesting. A staggered layout,
in particular, is likely to give better results than the rectangular grid. However, the results are expected
to be similar for the behaviour of the optimal configuration.



Energies 2016, 9, 912 10 of 12

Unequally heated sources or heat sources of unequal size are other parameters which could give
more degrees of freedom [20]. It is reasonable to expect different components to be mounted on the
same heat sink, and therefore the case of heat sources with a different heat flux could be studied in the
same manner as here.

For more advanced layouts and for non-identical heat sources, an optimization method with
a model would be preferable to efficiently test a wide variety of solutions. In that case, the present
results could be used for validation.

5. Conclusions

Passive cooling has been studied experimentally within the frame of an array of heat sources
distributed on a regular grid. The findings for this simple and common configuration could be applied
to a wide variety of thermal engineering problems. The results showed that lower density logically
leads to a better cooling capacity. This obvious trend was quantified, and it appears that the thermal
resistance is proportional to the square root of heat source density. This gives a simple and helpful
indication for the design of compact devices with thermal constraints. It is therefore recommended that
the heat sources should not cover more than 25% of the area, in order to keep the thermal resistance at
a reasonably low level.

The cooling was successfully optimized by tuning the vertical and horizontal spacing.
This multi-objective optimization aimed to maximize the cooling capacity (or minimize the thermal
resistance), and at the same time to maximize the heat source density (i.e., minimize the construction
costs, which correspond to the used area). It was also established that:

• the optimal vertical spacing varies faster than in the horizontal direction, due to convective
thermal coupling;

• the vertical spacing should be approximately twice as large as the horizontal spacing;
• the optimal ratio is almost independent of the heat source density;
• for higher densities, a slight increase was noticed for the optimal ratio as a function of the

objective density.
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Abbreviations

The following abbreviations and symbols are used in this manuscript:

g Gravitational constant m/s2

L Heat source width m
H Heat source height m
N Heat source density %
U Voltage V
I Current A
Rth Thermal resistance K/W
α Thermal diffusivity m2/s
β Volumetric thermal expansion coefficient K−1

∆X , ∆Y Horizontal and vertical spacing m
∆X∗ = ∆X/L Dimensionless horizontal spacing -
∆Y∗ = ∆Y/H Dimensionless vertical spacing -
∆̃X
∗
, ∆̃Y

∗
Optimal spacing -

∆T Temperature excess (T − T∞) K
λ Thermal conductivity W/m.K
ν Kinematic viscosity m2/s
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